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level distributions very different and 2) The maximum reduction of brake specific fuel consumption will be achieved 137 in these operative points for the two cycles studied in this paper. The total waste power of the engine (summarizing all 138 the heat sources) is represented in the engine map (Figure 3 ). The contour lines in Figure 3 were created on the basis 139 of the eleven engine operating points. The Kriging interpolation method [30] was applied on all contour lines of the 140 figures in the paper using a surface mapping software (SURFACE v8.0) [31] . Figure 3 shows that the available power 141 increases with the crankshaft speed and the engine load. The highest waste heat power corresponds to the 1800 rpm 142 and 100% load, because this is the point where the most fuel is injected. While 600 rpm and 0% does not practically 143 generate any waste heat.
144
The waste heat power of the HDD engine is up to 420 kW. But this power can be used to improve the engine 145 efficiency if it is converted into mechanical work. The exergetic study of these waste heat sources can evaluate which 146 is the maximum obtainable work in each engine operating point. The exergy represents the maximum work that can 147 be extracted from a thermodynamic cycle from an initial state (state 1) to an environment state (state 0). Thus, the 148 exergy is obtained as Equation (2) shows:
In this way, the exergy variation between two states (from 1 to 2) with the same environmental conditions can be 150 obtained as Equation (3) shows:
151
Ex f low 1−2 =ṁ f low (h 2 − h 1 ) − T 0 (s 2 − s 1 )
The exergies of the waste heat sources considered in this study can be calculated as a total exergy (exhaust gases) 152 using Equation (2) or as variation of exergy (intercooler, aftercooler, EGR and cooling water) using Equation (3). The 153 exergetic levels of the waste heat sources at 1800 rpm -100 % load and 1200 rpm and 25 % load are listed in Table 2 154
Adding all these wasted exergies, the total waste exergy can be calculated. Figure 4 shows this total waste exergy on 155 the engine map.
156
When the results are analyzed in terms of exergy, we can state that a third of the total waste power could be 157 converted into mechanical power by a thermodynamic cycle, if the external and internal irreversibilities are not con-158 sidered.
159
It is worth noting that in a thermodynamic cycle, the highest exergy destruction will further mainly take place The third step is the selection of the waste heat sources. The selection process depends on the goals and limitations 165 fixed in the specification problem (first step). To illustrate the methodology exposed in this paper, two different 166 selections of the heat sources will be carried out the A and B problem criteria. Each waste heat source in a HDD engine has a different temperature, exergetic and energetic level. These differences can produce significant variations 168 in the cycle efficiency and consequently in the cycle net power [21, 22] . The variations in the cycle efficiency occur 169 because the temperature of the heat source determines the evaporator temperature of the cycle and the evaporator 170 temperature is directly related to the cycle efficiency. The exergy contribution of each waste heat source has been 171 studied to select the best sources in the engine (generally those sources with highest temperature), in order to address 172 step (2) of the proposed methodology in Figure 1 . The exergy contribution of EGR, exhaust gases and aftercooler 173 is shown in Figure 5 . These three heat sources account for nearly 80% of the total exergy in the engine. Thus, the 174 implementation of a bottoming cycle with these waste heat sources is highly recommended in order to simplify the 175 bottoming cycle structure. The main differences were observed in the RC implementation. In this configuration with the high temperature 233 sources, the cooling water temperature does not imply a restriction in the evaporation temperature. For this reason,
234
higher evaporation and superheating temperatures as shown in Table 3 can be considered for the optimal cycle, for 235 instance, at 1800 rpm and 100 % load the superheating temperatures is close to 500
• C. Consequently, the reduction 236 of bfsc ranged from 10% to 14% at points of high thermal level (high speed and load), i.e. from 1200 to 1800 rpm and
237
100% load. The highest reduction of bsfc was achieved at 1800 rpm and 100% load. size to meet the specified heat transfer and pressure drops within specified constraints [42] . For the sizing of the heat 244 exchangers, the following criteria have been imposed:
245
• Aluminum was selected as the heat exchanger material.
246
• The heat exchangers were designed so that the pressure drop is less than 2%, in order to be consistent with the 247 hypotheses considered in the previous step.
248
• Shell&tube heat exchangers have been chosen for the gas-liquid and liquid-liquid heat transfer. For the rating 249 problem, the step-by-step developed by Delaware-Bell et al.
[43] has been followed. An E-11 shell flow ar- for the shell side was calculated by:
where the term j is the ideal Coulburn factor for the shell side and can be determined form the appropriate 
275
The operating points with greater reduction in bsfc for each configuration studied were considered in order to 276 evaluate the space requirement. Table 4 shows the selected operating points with dT=10
• C (from 1i to 4i). The 277 dimensions and pressure drops required of the heat exchanged designed are listed in Table 4 . Table 5 . This effect is less important in the ORC (2i), because the evaporator pressure is higher and the 286 relative pressure drop is lower. The superheater size in both cases (1i and 2i) is almost neglectable compared to the 287 size of the pre-heater and evaporator.
288
In case B (Point 3i and 4i), the largest heat exchange process is the liquid heat transfer process to the saturation 289 curve. The heat transfer area in this process must be very high due to the higher evaporation temperature than in high temperature sources suffers a significant penalty of bsfc in almost all the working points due to increase of dT.
302 Figure 9 shows the results of this study in the configuration with high temperature sources (case B) and ideal cycle 303 assumption. This figure shows a reduction of bsfc improvements in the range of 8% to 4% for the ORC configuration,
304
and of 11% to 2% for the RC configuration.
305
Respect the condenser size, the new space requirement is practically negligible due to his place in the grille and 306 the high considered vehicle speed.
307
The effect of dT=20
• C in the sizing of the heat exchanger is evaluated for the operating points with higher reduc-308 tion of bsfc for the RC and ORC configuration, i.e. 1800 rpm and 100% load for RC, and 1200 rpm and 50% load for 309 RC. These points are called as 5i and 6i respectively, as shown in Table 4 . The results of these sizing problems are 310 shown in Figure 10 . For both configurations with high temperature sources, a dT=20
• C has implied a 50 % reduction 311 of the heat exchanger volume. Thus the volume requirements with dT=20
• C are more acceptable. According to these 312 results, the ORC with the high temperature sources could be the solution easier to implement in a HDD engine taking 313 installation constraints into account.
314
The configuration with all sources (case A) practically does not produce a net power output. It is result of the low 315 temperature difference imposed between evaporator and condenser in order to recover the waste heat of cooling water.
316
This temperature difference is so low that it doesn't allow increasing the minimum temperature difference in the heat 317 exchangers (dT).
318
The condenser size in these two configuration is also negligible compared to the other evaporator and pre-heater. 
326
In the case A with all the heat sources and dT = 10 • C an expansion ratio of 3 and 2 for RC and ORC respectively 327 is produced in the expander machine at all the operating points. The reason for these low expansion ratios is the low 328 evaporation temperature imposed, in order to recover the cooling water heat source. It allows an expansion process 329 completed with a single expander machine, obtaining an acceptable isentropic efficiency of 70%. Regarding the type 330 of expander, the chosen solution for RC is a reciprocating piston expander. In the ORC case, the expander can be a 331 radial or axial turbine.
332
On the other hand, in the case B with high temperature sources (EGR, exhaust gases and aftercooler), a high 333 expansion ratio is produced in the expander as shown in Figure 11 . In the ORC results, the expansion ratio is higher 334 than in case A (6 vs 2). The optimal solution for this configuration using the turbine chart referenced in [24] is still an 335 axial or radial turbine with an isentropic efficiency of 70%. On the other hand, the expansion ratio in RC configuration
336
(25 with high temperature sources vs 3 with all sources) is too large to be efficiently implemented in a single stage 337 expansion. Thus, the optimal expander is a two-stage reciprocating piston expander with 70% and 60% of isentropic 338 efficiency for the first and second stage respectively.
339
The irreversibilities of the expander machine and the pump are imposed in the studied configurations.
340 Figure 12 shows the effects of the real compression and expansion processes in the four studied cases with 341 dT=10
• C. In the configuration with all sources, the irreversibilities of the expander machine are less critical, be-342 cause the low expansion ratio provides the possibility of using a single stage expander. Now, the highest reduction 343 obtained in bsfc for the case A is limited to 10%, at 1200 rpm and 25% load both for RC and ORC solution. An even 344 greater impact on bsfc is obtained in the case B configuration with a maximum reduction of bsfc above 10% at 1800 345 rpm and 100 % load and 7% at 1200 rpm and 25% load for RC and ORC respectively.
346 Figure 13 shows the effects of the expander and pump irreversibilities with dT=20
• C in the case B. The highest 347 reduction in this case is above 8 % at 1800 rpm and 100 % load for RC and 5 % at 1200 rpm and 25% load for ORC 348 solution.
349
The effect of the pump and expander irreversibilities in the heat exchanger inlet temperature is almost negligible.
350
For this reason, the volume requirements were considered equal to those in the ideal cycle study. 
Conclusions

367
This paper describes a methodology to optimize a bottoming cycle which recovers low temperature waste heat 368 sources to generate mechanical power in vehicles. The methodology followed is to select the waste heat sources, the 369 optimum working fluid, the expander machine, the pump, the heat exchangers and the thermodynamic characteristics 
375
Taking different criteria into account , depending on the problem to solve, the optimal solution can be the recovering 376 of all the available heat sources or only the available heat sources with high temperature levels. Many heat sources to 377 recover imply high output power in the bottoming cycle but unfortunately, it also implies high heat exchanger volumes 378 and a complex control of the cycle and additionally, it can decrease the bottoming cycle average efficiencies.
379
The working fluid selection strongly affects to the performance of the bottoming cycle. Considering the case of 380 the HDD engine, the highest reduction in bsfc is produced when the water RC is used. But these RC configurations 381 need high heat exchanger volumes to run. The ORC configurations are more technically feasible due to lower size 382 requirements of the heat exchangers (about 50% lower than RC configurations), but produce lower power than the RC 383 configurations (leading to differences of 3 percentage points in bsfc).
384
The minimum temperature difference in the heat exchangers (dT) dramatically affects the reduction of bsfc. So,
385
the heat exchanger sizing must be determined correctly to optimize the bsfc with low space requirement. In the case 386 of the HDD engine, changing the dT from 10 • C to 20
• C leads to a decrease of the volume required by the heat 387 exchangers by about 60 % and increases the bsfc by about 3 percentage points.
388
Therefore, considering the complexity of selecting the heat sources, the working fluid and the minimum temper-389 ature difference in the heat exchangers, this paper presents an iterative methodology to obtain the goal defined in the • listed of Tables -Table 1 . Operating points chosen for design bottoming cycle.
502
- Table 2 . Energetic and exergetic levels for the waste heat sources at 1800 rpm -100 % load and 1200 rpm-503 25 % load.
504
- Table 3 . Optimal bottoming cycle conditions at 1800 rpm -100 % load and 1250 rpm-25 % load consid-505 ering ideal cycle assumption for both configurations (Case A and Case B)
506
- Table 4 . Bottoming cycle point chosen for the sizing of heat exchanger study.
507
- Table 5 . Specification heat exchanger of points from 1i to 4i.
508
- Table 6 . Summary of the optimum engine operating point for the considered configurations Table 2 . Table 2 . .
